Keywords : marine main engine, main bearing, static and dynamic stiffness characteristics of bearing, thermal deformation, temperature distribution analysis requires an accurate temperature distribution on the engine body to be known. Appropriate data were obtained from comprehensive temperature measurements performed on the ship and her main engine.
INTRODUCTION
The aim of the presented work has been to evaluate displacements of the engine crankshaft axis in different working conditions of propulsion system [3 , 5] . In the shaft-line alignment methods the crankshaft-shaft line interaction has been considered in a simplified way so far. The crankshaft has been modelled as a linear system of cylindrical beam elements, whereas its thermal displacements and its foundation stiffness have been evaluated on the basis of simple data supplied by the producer without considering the type of the ship on which the engine has to be installed [4] . The goal of the work has been to improve representation of the boundary conditions of the marine power transmission system. It is especially important for the high power propulsion systems since in the literature many examples of the damage of the first three main bearings (counting from the driving end) of the main engine can be found [1 , 2] . One of the possible causes of such state might be the imprecise mathematical model of crankshaft, proposed for the analysis of shaft line alignment.
Within the frame of this work several analyses of the Sulzer 7 RTA 84 C engine installed on a big container ship (of ~3000 TEU capacity) were carried out. Also, the computation of engine body deformation under gravity load as well as the analysis of its thermal deformation in nominal working conditions was performed. The static stiffness (horizontal and vertical) of each of the main bearings were evaluated and then their dynamic stiffness was determined in the frequency range of 0÷30 Hz. As the forced vibration analysis was performed with the use of the modal superposition method, it was necessary to determine in advance the natural frequencies and eigenvalues in the frequency range of 0÷70 Hz. The thermal
ANALYSIS METHOD
The FEM model of the body of Sulzer 7 RTA 84 C engine is presented in Fig.1 . Fig.2 shows a part of the model representing the engine main bearing. The engine body model contains almost 200 thousand plate and solid elements of over 930 thousand degrees of freedom.
The subject of the analysis was the body of Sulzer 7 RTA 84 C engine. The analysis involved, apart from heat flow, also thermal deformation and stress calculated by means of a 3D heat transfer model. The method is based on the solution of the heat flow equation (with variable coefficients). For stationary heat flow the equation has the following form:
(1)
If the convective boundary conditions on both hot and cold surface are assumed then the following relations are valid :
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The FEM thermal analysis was performed with the use of MSC NASTRAN software. MSC PATRAN software was used as a pre-and post-processor for the calculation results of the stress under thermal load.
Before starting the thermal deformation analysis of the engine it is necessary to determine temperature distribution on its body. The temperature map was created on the basis of the measurements carried out on a marine main whose size and structure was similar to those of the engine in question.
TEMPERATURE DISTRIBUTION MEASUREMENT ON ENGINE BODY
The temperature distribution measurements on the engine body were performed on the Sulzer 8 RTA 96 C engine during sea trials. The engine load was kept stable in nominal working conditions. Alfa-Tech Rytek MT 4 pyrometer was used for the measurements. The example layout of measurement points (on the port side) is shown in Fig.3 . The results of measurements in those points are presented in Tab.1. On the starboard side as well as on the fore and aft end of the engine the measurement points were distributed in a similar way. 
THERMAL ANALYSIS OF ENGINE BODY DEFORMATION
In the numerical thermal analysis the value of heat conductivity coefficient for steel was assumed equal to 42.9 [W/m K]. The heat flow analysis was performed for the condition of the hold being hot and thermally balanced. Because of lack of more precise data the heat transfer coefficients were assumed as for heated cargo in accordance with DNV Classification Rules. The values of heat transfer coefficients are presented in Tab.2. The thermal expansion coefficient of the engine body was assumed equal to α = 1.6×10 -5
. The temperature distribution on the engine body, shown (in °C) in Fig.4 , was analogous to that obtained from the measurements.
Tab. 2. Assumed values of heat transfer coefficients [W/m 2 °C] .
From air in the hold to the inner bottom structure 58.1 From air in the hold to the side structure 58.1 From air in the hold to the deck structure 58.1 From outboard water to the hull shell 7400 From air to the hull shell 23.2 From air in the double bottom to the hull structure 0 For the crankshaft axis translation the main engine's producer recommends to use the following formula :
where : For the examined Sulzer 7 RTA 84 C engine the translation of the main bearing axis amounts to :
The numerically computed value of the translation of the shaft line axis (Tab. 3) is greater than that recommended by the producer despite the fact that the measured temperature of the real engine is slightly lower than its specified service temperature. The difference for the first bearing is not particularly large (less than 20%), but other bearings are much more displaced. It seems that the producer's assumption on the parallel translation of the crankshaft axis is incorrect. The hogging deformation of the crankshaft results in a significant change of the moment transferred from the shaft line. Its effect calculated by using a precise shaft line alignment analysis would be considerable.
ANALYSIS OF STATIC STIFFNESS OF MAIN BEARINGS OF THE ENGINE
Determination of the static stiffness consists in applying unitary forces equal to mass forces and radial gas forces (of 750 kN), to each of the main bearings, one by one, first in vertical and then in horizontal direction. The achieved displacements serve to calculate the local static stiffness. The quantities are very important for shaft line alignment analysis since applying only the ship's hull stiffness may be insufficient. The main engine producers usually provide (on request) information on the crankshaft foundation stiffness but without dividing the quantity into that concerning engine body alone and ship hull. Some time ago this parameter was assumed infinitely large, now it is considered as large as 6.0×10 9 N/m. The CTO Co. gained vast experience concerning the stiffness of ship hulls of many types but no main engine body stiffness has been so far examined by this company.
The deformation of the main engine body under only gravity load was computed first. It was observed that the deformation due to gravity load was several times smaller (of the order of only 0.01mm) than that due to thermal load, cylinder mass and 
Next, was carried out the static analysis consisting in application of the load first in vertical and then in horizontal direction (18 load cases). The estimated radial forces were distributed on the main bearing surface. Tab.4 contains the static stiffness values for particular main bearings (numbered beginning from the aft -driving end of the crankshaft). The selected deformation values and stress fringe plots are presented in Fig. 6÷8 On the basis of the performed analysis it can be stated that the static stiffness values specified by the producer are properly evaluated, however they represent only the flexibility of the engine body without taking into account the ship hull flexibility. In the authors' opinion in the analysis of shaft line alignment the sum of both flexibility parameters should be taken into account. It can be observed that the engine body stiffness is very high and the cylinder mass and gas forces acting on a single cylinder have a little influence on displacements of other main bearings.
It means that it is not required to take into account any coupling between particular bearings -hence there is no necessity to determine the equivalent stiffness reflecting the engine structure integrity. It is intriguing that the horizontal stiffnesses are higher than the vertical ones, not so as in the case of most other marine structures. The stress level in the main bearing structure is not high as it does not exceed 15 MPa for horizontal load and 22 MPa for vertical one.
ANALYSIS OF DYNAMIC STIFFNESS CHARACTERISTICS OF BEARINGS
The determination of the dynamic stiffness characteristics consists in applying unitary forces defined as a function of excitation frequency, to each of the main bearings, one by one, first in vertical and then in horizontal direction. The obtained displacements serve to calculate the local dynamic stiffness for each excitation frequency, independently. These quantities are important for shaft line lateral vibration analysis. The data on the dynamic stiffness of main engine body are not available neither from literature nor from the producers.
The analysis of the dynamic stiffness of Sulzer 7 RTA 84 C engine body was carried out by using the MSC Nastran FEM solver and modal superposition method. The stiffness characteristics were determined in the frequency range of 0÷30 Hz; this way the full spectrum of possible propulsion system excitation frequencies was covered. In such case according to the authors' experience, it is recommended to calculate normal modes in the range of natural frequency, taken at least twice as wide as that. The eigenmodes were determined for frequency values up to 70 Hz. The eigenvector maps for the most important normal modes are shown in Fig. 9÷11 . The applied denotation for engine body deformations, commonly used by engine producers, is as follows: H -lateral deformation, X -twisting deformation, C -bending deformation in vertical plane. It is important that the first significant normal modes have their natural frequencies above the range of excitation frequencies of the propulsion system. And, the significant normal modes are only a few and those of interest concern the whole engine body. No significant normal modes were found in the region of the engine main bearings. It speaks well for the correct design of the engine body, i.e. of sufficiently rigid structure. In such case the resonance discontinuities of main bearing flexibility are not expected and the characteristics appear close to linear. For this type of structure it is allowed to use only static stiffness as the expected dynamic amplification should be insignificant.
Next step was to compute forced vibration by applying first vertical load and then horizontal one to each of the engine main bearings, one by one (18 load cases). The analysis was performed within the frequency range of 0÷30 Hz. Tab.5 and 6 contain dynamic stiffness values for characteristic excitation frequencies and particular bearings (numbered beginning from the aft -driving end of the crankshaft). The nominal rotational speed of the examined engine was 100 rpm. The engine had seven cylinders, and the propeller -five blades. For such configuration the basic excitation frequencies were 8.33 Hz and 11.67 Hz. The sample plots (for the main bearing No.3) of displacement of main bearing foundation in function of vertical (and subsequently horizontal) frequency are presented in Fig.12 . Selected fringe plots of the engine body deformation in the region of the main bearing No. 3 for excitations in both directions are shown in Fig.13 . The dynamic stiffness values for the excitation frequency of 0 Hz are almost identical with the static stiffness (their differences are at 3 rd decimal place -see Tab. 4, 5 and 6). It speaks well for the correctness of the dynamic analysis. As it was expected after performance the analysis of normal modes, the dynamic stiffness values did not significantly differ from the static ones. The stiffness decrease by 2% in vertical direction may be observed and that in horizontal direction -by less than 7%. Such change of dynamic stiffnesses can not have any significant effect on the analysis of shaft line lateral vibration. In standard (commercial) analyses the stiffness evaluation may be limited to only a static quantity which can be assumed constant in the domain of excitation frequency.
CONCLUSIONS
The numerically computed shaft line displacement is greater than that recommended by the producer despite the fact that the measured temperature of the real engine is slightly lower than its specified service temperature. For the first bearing (counting from the shaft line side) the difference is not particularly big (lower than 20%), but other bearings are much more displaced. Hence the producer's assumption on the parallel translation of the crankshaft axis seems to be incorrect. The hogging deformation of the crankshaft results in a significant change of the moment load exerted by the shaft line. It may be expected that the effect resulting from the precise shaft line alignment analysis would be considerable.
On the basis of performed analysis it can be stated that the static stiffness values specified by the producer are properly evaluated, however they represent only the engine body flexibility without taking into account the ship's hull flexibility. In the shaft line alignment analysis the sum of both flexibility parameters should be taken into account. It can be observed that the engine's body stiffness is very high and the cylinder mass and gas forces acting on one cylinder have a little influence on displacements of other main bearings. Therefore it is not necessary to take into account any coupling between particular bearings.
It is important that the first significant normal modes have natural frequencies above the range of excitation frequencies of the propulsion system. Moreover the significant normal modes are few and those of interest concern the whole engine body. No significant normal modes were found in the region of the engine main bearings. It means that the engine body in question is a well-designed rigid structure. In such case the resonance discontinuities in the flexibility of main bearings should not be expected and their characteristics should be close to linear.
The dynamic stiffness values differ insignificantly from the static ones. The stiffness decrease by 2% can be observed in vertical direction and that by more than 7% in horizontal direction. Such change of dynamic stiffness values can not have any significant effect on results of the analysis of shaft line lateral vibration (whirling). In commercial analyses evaluation of stiffness may be limited only to determining the static value which -in the domain of excitation frequency -can be assumed constant.
The direction of research in question looks very promising. It would make it possible to introduce such improvements to high power propulsion systems as to avoid failures of the engine's main bearings. The presented method may be also used for more advanced and complete numerical computations carried out for main engines of other types, installed on ships having specific hulls.
The next step in developing the proposed method of propulsion system analysis should be incorporation of a more complex crankshaft representation based on its full 3D characteristics. The crankshaft springing effect on the shaft line alignment should be also examined.
